Among the solutions currently proposed, the Organic Rankine Cycle (ORC) is the most widely used. Its main advantages are its simplicity and its commonly available components. In such a cycle, the working fluid is an organic product that presents a lower ebullition temperature than water, allowing reduced evaporating temperatures.
Unlike traditional power cycles, local and small-scale energy production is made possible with this technology (Kane [1] , Quoilin [2] ). 6 The expander is a key element of the ORC. The choice of the expander strongly depends on the operating conditions and on the size of the facility. Two main types of machines can be distinguished: the dynamic (turbo) and displacement (volumetric) type.
Displacement type machines are more appropriate to the small-scale ORC unit under investigation in this paper, because they are characterized by lower flow rates, higher pressure ratios and much lower rotational speeds than turbo-machines (Persson [3] ).
Moreover, these machines can tolerate two-phase conditions, which may appear at the end of the expansion in some operating conditions.
Among positive displacement machines, the scroll machine is a good candidate for the ORC application, because of its reduced number of moving parts, reliability, wide output power range, and broad availability (Zanelli and Favrat [4] ). Moreover, it is a proven technology in compressor mode due to its extensive use in refrigeration and airconditioning industry.
However, up to now, the use of scroll machines in expander mode has mainly been limited to experimental work and so far numerous scroll expander prototypes have been tested for different fluids.
For instance, Yanagisawa et al. [5] carried out an experimental study on an oil-free scroll-type air expander. They observed that the performance is heavily reduced by the mechanical loss, but leakage loss becomes significant as the rotational speed decreases.
Maximal achieved volumetric and isentropic effectiveness was respectively 76% and 60%. Zanelli and Favrat [4] carried out an experimental investigation on a hermetic 7 scroll expander-generator fed with refrigerant R134a. The machine produced a power ranging from 1.0 to 3.5 kW with a maximal isentropic effectiveness of 65%. Kane [1] designed, built and tested a prototype of hybrid solar thermal power plant associating solar collectors, cogeneration engines and two superposed Organic Rankine Cycles, equipped with hermetic scroll expanders. Manzagol et al. [6] studied a cryogenic scroll expander used for a 10 L/h helium liquefier. The expander was tested on a Brayton cycle refrigerator and reached an isentropic effectiveness of 50 to 60% for supply gas conditions of 35 K and 0.7 MPa. Xiaojun et al. [7] investigated the possibility to recover work in a fuel cell by means of a scroll expander. The work produced by the expander could be provided to the compressor. Hugenroth et al. [8] developed a novel approach to implementing a gas Ericsson cycle heat pump, using liquid flooding of the compressor and of the expander to approach isothermal compression and expansion process. Scroll machines were selected due to their ability to compress and expand a mixture of oil and gas. Aoun and Clodic [9] investigated the same expander as Yanagisawa et al. [5] , but operating with steam. In order to improve the volumetric performance, original tip seals were replaced by PTFE tip seals, better adapted for high temperature applications and presenting lubricating properties. Maximal achieved volumetric and isentropic effectiveness was respectively 63% and 48%.
This paper presents a semi-empirical simulation model of a scroll expander. Unlike deterministic models (that require the exact knowledge of the geometry of the machine), the model proposed only involves a limited number of parameters. By using experimental data these parameters will be identified in the case of a prototype of an expander fed with HCFC-123. 8
EXPERIMENTAL INVESTIGATION

Description of the test rig
An experimental investigation is carried out on a scroll expander integrated into a prototype of an ORC system working with refrigerant HCFC-123. This paper only focuses on the experimental characterization of the scroll expander and not of the entire
The test rig is schematically described in Figure 1 the expander performance is given in Table 1 .
Description of the tests
The experimental data covers a large range of operating conditions. In total, 39 points are achieved. Table 2 indicates what are the imposed and the obtained variables during the tests. The refrigerant flow rate flowing through the expander is imposed by varying the pump displacement. The expander supply temperature is controlled by modifying the air flow rates and temperatures in the boiler. The expander rotational speed is set to 3 different values (1771, 2296, 2660 rpm) by modifying the diameter of the pulley at the asynchronous machine shaft. The expander exhaust pressure is imposed by adjusting the water flow rate through the condenser. Table 2 indicates that the vapor is superheated at the expander supply for all of the performance points.
Results
The ranges of the main measured variables are given in Table 2 . The maximum delivered shaft power is 1.82 kW and the maximum achieved overall isentropic 10 effectiveness is 68%. This overall effectiveness is defined by the ratio of the measured shaft power and the isentropic power (Eq. (1)). The latter is the product of the measured flow rate by the expansion work associated to an isentropic expansion from supply conditions to the exhaust pressure: 
The evolution of the overall isentropic effectiveness with the pressure ratio imposed to the expander for the three rotational speeds is given in Figure 2 . The sharp decrease in effectiveness for the low pressure ratios is due to over-expansion losses. Error bars are associated with calculated uncertainties. Provided measurements are uncorrelated and random, the uncertainty U Y on the variable Y is calculated as function of the uncertainties U Xi on each measured variables X i by Eq. (2) (Klein [12] ).
(2) Figure 2 also shows that the maximum achieved pressure ratio is around 5.5. Further experimental work should allow evaluating the performance of the expander for higher pressure ratios.
The volumetric performance of the expander is represented by the filling factor (Zanelli and Favrat [4] ). The latter is defined as the ratio between the measured mass flow rate 11 and the mass flow rate theoretically displaced by the expander (Eq. (3)). The filling factor increases with internal leakage and supply cooling down, but decreases with the supply pressure drop.
The evolution of the filling factor with the expander supply pressure for the three rotational speeds is given in Figure 3 . The filling factor could be expected to increase with the supply pressure due to larger internal leakage flows. However, this trend is balanced by the simultaneous effect of the supply pressure drop. It can be observed that the lower the rotational speed, the higher the filling factor, due to the larger relative impact of the internal leakage and due to smaller supply pressure drop.
EXPANDER MODEL
The semi-empirical model of a scroll expander described hereunder is deduced from the one proposed by Winandy et al. [13] for hermetic scroll compressors. It is similar to the model of Kane [1] , but describes internal and external heat transfers (and requires three additional parameters). The model has already been partially validated by tests with steam as working fluid (Lemort et al. [14] ). In this paper, the model parameters are From the description given in Figure 4 , it can be observed that the heat transfers, the supply pressure drop and the internal leakage are fictitiously dissociated from the actual expansion process (su,2 ex,2). All the processes mentioned hereunder are described in the following paragraphs.
Supply pressure drop
The supply pressure drop ( The lumped supply pressure drop is computed by comparison to the isentropic flow through a converging nozzle, whose cross sectional area A su is a parameter to identify.
Because of the steady-state nature of the model, this cross sectional area represents an average value of the suction port effective area over the entire suction process (that extends over one shaft revolution).
By combination of the equations of mass and energy conservation through the nozzle, the mass flow rate entering the expander can be expressed as:
Both the specific enthalpy and the specific volume at the nozzle throat are function of the pressure P su,1 at the throat and of the supply specific entropy s su . Knowing the mass flow rate entering the expander, Eq. (4) can be used to compute the pressure P su,1 .
Supply and exhaust heat transfers
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The main heat transfer mechanisms inside the scroll expander occur between: 1) the expander shell and the fluid in the supply and exhaust pipes; 2) the scrolls (fixed and orbiting) and the fluid in the suction, expansion and discharge chambers; 3) between the shell and the ambient.
Both supply and exhaust heat transfers are computed by introducing a fictitious metal envelope of uniform temperature T w . This fictitious envelope represents the metal mass associated to the expander shell, the fixed and the orbiting scrolls. The supply heat transfer is given by:
The supply heat transfer coefficient AU su is assumed to vary with the mass flow rate according to:
where AU su,n is the nominal heat transfer coefficient corresponding to the nominal mass flow rate n M . This relationship can be justified by the Reynold's analogy for a turbulent flow through a pipe (Incropera and DeWitt [15] ) by assuming that the fluid properties, not included in this expression, remain unchanged. Exhaust heat transfer is described in a similar way.
Internal leakage
There are two different leakage paths in a scroll compressor/expander: the radial leakage is due to a gap between the bottom or the top plate and the scrolls and the flank leakage results from a gap between the flanks of the scrolls (Halm, [16] ). In this modeling, all the leakage paths are lumped into one unique fictitious leakage clearance, whose cross-sectional area A leak is a parameter to identify. The leakage flow rate can be computed by reference to the isentropic flow through a simply convergent nozzle, whose throat area is A leak . The pressure at the inlet of the nozzle is P su,2 . The throat pressure corresponds to the maximum between exhaust and critical pressures:
The critical pressure P crit,leak is computed by considering the refrigerant vapor as a perfect gas: 
Internal expansion
One working cycle of the scroll expander includes three processes: suction, expansion and discharge (Halm, [16] ). During the suction process, the suction chamber is in communication with the suction line and the fluid flows into the chamber. The expansion process is initiated when the suction chamber ceases to be in communication with the suction line. The discharge process begins when the discharge chambers enter in communication with the discharge line. 
Suction power
The energy balance across the suction chamber, between the beginning and the end of the suction process yields:
Expansion power
The expansion process is assumed to be adiabatic and reversible. Writing the energy balance between the beginning and the end of this process yields:
Under-and over-expansion
Under-expansion occurs when the internal pressure ratio imposed by the expander (P su2 /P ad ) is lower than the system pressure ratio (P su2 /P ex2 ). In that case, the pressure in the expansion chambers at the end of the expansion process (P ad ) is higher than the pressure in the discharge line. This is represented in Figure 6 (a) . The modeling assumes that there is no pressure drop through the discharge port. In order to equalize the pressures in the discharge chambers (the former expansion chambers) and in the discharge line, some fluid ( in M ∆ in Eq. (14)) has to flow out of the discharge chambers.
The modeling assumes it is achieved instantaneously as soon as the expansion chambers
open onto the discharge line. The energy balance over the discharge chamber can be expressed as follows:
Over-expansion occurs when the internal pressure ratio imposed by the expander is higher than the system pressure ratio (Figure 6 (b) ). The energy balance over the discharge chamber is then similar to the one already established for the under-expansion process:
There is no work directly associated to the under-and over-expansion throttling.
Discharge power
As for the suction process, the equation of conservation of energy is applied on the discharge chamber between the beginning and the end of the discharge process, yielding:
Internal power
The internal power can be found by combining Equations (12), (13) and (16):
Shaft power
Mechanical losses loss W are due to friction between the scrolls and losses in the bearings. In the present modeling, all these losses are lumped into one unique mechanical loss torque T loss , that is a parameter to identify. The modeling assumes that this torque is independent of the rotational speed (Yanagisawa et al. [5] ). Accordingly, the expander shaft power can be defined by:
Heat balance over the expander
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The ambient losses are computed by introducing a global heat transfer coefficient AU amb between the envelope and the ambient:
Mechanical losses are directly "injected" into the envelope. In steady-state regime, the envelope temperature is computed by expressing its energy balance:
VALIDATION OF THE EXPANDER MODEL
The validation of the expander model is achieved in two steps. First, the values of the parameters of the model are identified on the basis of the measurements. Then, predictions by the model are compared to measurements. Relative deviations are then used to determine the quality of fit.
Identification of the parameters of the model
The parameter identification process is illustrated in the flow chart given in Figure 7 .
The input variables of the model are the supply pressure, the supply temperature, the exhaust pressure and the rotational speed of the expander. The model calculates the mass flow rate displaced by the expander, the delivered mechanical power and the exhaust temperature. The model only necessitates eight parameters, which are summarized in Table 3 . The nominal mass flow rate n M is only introduced as a reference to define the nominal heat transfer coefficients AU su,n and AU ex,n . Imposing the supply pressure as an input variable and the mass flow rate as an output variable is purely a convention. In fact, the mass flow rate could be imposed as an input (in the experimental set-up, it is actually imposed by the pump) and the supply pressure would be predicted by the model. This minimization process is carried out by means of a genetic algorithm available in the EES software (Klein [12] ). The identified parameters are listed in Table 3 . increases with the rotational speed. It can be observed that the agreement between the measurement and the prediction by the model is very good. The maximum deviation is 2%.
Validation of the model
The evolutions of the shaft power, measured and predicted by the model, with the pressure ratio are compared in Figure 9 . Here also, it can be observed that the agreement is good. The maximum deviation between the model predictions and the measurements is 5%. Figure 10 compares the evolutions of the exhaust temperature (measured and predicted by the model) with the mean measured temperature of the fluid between the expander supply and exhaust.
The model predicts the exhaust temperature within 3 K. However, the model seems to slightly overestimate the exhaust temperature for high expander mean temperatures and to slightly underestimate it for the lower mean temperatures. This figure also shows the evolution of the predicted exhaust temperature if the model did not account for ambient losses. The deviation between the predicted exhaust temperature and the measured one increases with the mean temperature. This confirms that the model should account for the ambient losses to better predict the exhaust temperature.
MODEL ANALYSIS
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The validated model of the expander is used to quantify the different losses and to indicate how the design of the expander might be altered to achieve better performances. Figure 11 shows the evolution of the overall isentropic effectiveness with the pressure ratio imposed to the expander. Operating conditions, related to one of the measured performance points, correspond to a supply pressure of 10.03 bar, an exhaust pressure of 2.01 bar, a supply temperature of 142°C and a rotational speed of 2296 rpm. The measured overall isentropic effectiveness for this operating point is also indicated in Figure 11 (with error bars associated with measurement uncertainties).
The evolution at the top of the figure is predicted by a model that only accounts for under-and over-expansion losses. The effectiveness goes through 1.0 at a pressure ratio equal to the internal pressure ratio (P ad =P ex ). For smaller and larger pressure ratios, the fluid is over-expanded and under-expanded respectively. Experimental results showed that the maximum achieved pressure ratio was around 5.5. If much larger pressure ratios were imposed, a machine with a larger built-in volume ratio than 4.05 would yield better performances. The internal leakage is responsible for the major part of the performance loss. Under the assumption that the tip seals work correctly (they seal the radial gap between the tip of each scroll and the plate of the opposite scroll), the identified leakage area (Table 3) may be explained by a large flank clearance between the two scrolls. This large clearance is characteristic of scroll machines operating with a kinematically rigid configuration, where a flank gap is maintained. Mechanical loss torque T loss 0.47 N.m
CONCLUSIONS
